*Revised Manuscript clean and final version
Click here to view linked References

10

11

12

13

14

15

16

17

18

19

20

Parametric investigation of pre-injection on the combustion, knocking and

emissions behaviour of a large marine four-stroke dual-fuel engine

Huaiyu Wang®', Huibing Gan®™'", Gerasimos Theotokatos "

* Marine Engineering College, Dalian Maritime University, Dalian 116026, China
® Maritime Safety Research Centre, Department of Naval Architecture, Ocean and Marine Engineering,

University of Strathclyde, 100 Montrose Street, Glasgow, G4 0LZ, Scotland, UK

*Correspondence information:
Huibing Gan
Marine Engineering College, Dalian Maritime University, Dalian 116026, China

E-mail address: ghbzq@dlmu.edu.cn

' These authors contributed equally to this work.



21

22

23

24

25

26

27

28

29

30

31

32

33

34

35

36

37

38

39

40

41

42

43

44

45

46

47

48

49

Nomenclature

DF: Dual-fuel

CA: Crank Angle

TDC: Top Dead Center

BTDC: Before Top Dead Center

ATDC: After Top Dead Center

IMEP:  Indicated Mean Effective Pressure
HRR: Heat Release Rate

THC : Total Hydrocarbon

NOx: Nitrogen Oxide

1-D: One-Dimensional

3-D: Three-Dimensional

CFD: Computational Fluid Dynamics
KI: Knock Index

MP: Monitoring Points

LNG: Liquefied Natural Gas

IVC: Intake Valve Closing

EVO: Exhaust Valve Opening

SOL: Start of Injection

SOPI:  Start of Pre-Injection

PMR: Pre-Injection Mass Ratio

PMI: Pre-Injection and Main Injection Interval
SOMI:  Start of Main Injection

MMR:  Main Injection Mass Ratio

PFP: Peak Firing Pressure

PFPCA: The Crank Angle of Peak Firing Pressure
THR: Total Heat Release
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DI : Direct Injection

FAT: Factory Acceptance Test
ASI: After Start of Injection
AMR: Adaptive Mech Refinement

IMO: International Maritime Organization

Abstract

This study aims at the parametric investigation of a large marine four-stroke dual-fuel engine in
order to identify the pre-injection effects on the engine combustion, knocking and emissions parameters.
A model was employed that was developed by integrating a 1-D engine model in AVL-BOOST and a 3-D
CFD model in CONVERGE. The MAN 51/60DF marine engine is modelled and the simulation results
were validated against experimental data. Subsequently, parametric runs for various pre-injection timings
and mass ratios are performed and the simulation results are analysed and discussed. The derived in-
cylinder pressure oscillations at determined points are employed to calculate the knock index (KI), which
was used as an evaluation indicator for the knocking intensity. A number of pre-injection strategies with
varying timing and fuel mass ratios are studied. This study results reveal that a lower knock trend and
NOy emissions can be achieved by early pre-injection timing and increasing pre-injection fuel mass ratio.
In addition, the medium pre-injection interval increases the engine IMEP while reducing the NOy and
total hydrocarbon emissions. Larger pre-injection mass ratio reduce the KI and NOx emissions, but
reduces IMEP and causes the wetted-wall phenomenon. Besides, the excessive pre-injection intervals and
pre-injection mass ratio result in a change in combustion mode from the conventional diesel compression
ignition mode to a two-stage auto-ignition mode. This study provides a better understanding of the
underlying interactions of involved parameters and proposes pre-injection solutions to improve the engine
performance, emissions and knocking behaviour.

Keywords: Large marine DF engine; Pre-injection Strategies; Knocking; Combustion; Emissions
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1. Introduction

The main power machinery is the diesel engine in the marine field, due to the advantages of high
power, high efficiency, low energy consumption and high reliability [1]. At the same time, marine
engines emit a wide variety of pollutants that have important impacts on health and climate change [2].
Policies and regulations to reduce nitrogen oxide (NOy) emissions are strict, especially those rules aiming
at exhaust emissions restriction of marine engines, which are major NOx emissions sources [3]. In
particular, the International Maritime Organization (IMO) has established specific emissions limitations
for marine diesel NOx pollutants [4]. IMO Tier III standard drastically limits the NOx emissions equal to
80 % of the Tier I standard [5]. Natural gas, which is the most used fossil fuel and the premium fuel of the
twenty-first century, is desirable for various utilizations [6]. The use of liquefied natural gas (LNG) for
ship propulsion reduces NOx, SOx emissions as its higher H/C ratio characteristic compared with diesel
or heavy fuel oils [7]. The natural gas has a more attractive price advantage when taking the market
fluctuations and fuel prices into account. Compared to other fossil fuels, natural gas is being developed at
an ever-increasing rate in the world due to its environmental benefits [8]. Domestic natural gas supplies
are increasing, and natural gas prices have remained lower than oil prices over the past decade [9].
Natural gas-diesel dual-fuel (DF) engines produce lower NOx emissions when compared to conventional
diesel engines [10]. The dual-fuel engine with low-pressure direct injection (DI) mode is a classical
application mode, which retains the structure of the traditional engine to the greatest extent [11].

To improve the performance of dual-fuel engines, reduce emissions, and optimize the in-cylinder
combustion process, the researchers have carried out relevant experimental and simulation studies [12-
17]. The natural gas exhibits greater resistance to knocking due to its higher octane numbers (up to 120)
and auto-ignition temperatures [18, 19]. However, the complex chemical kinetic characteristics of dual-
fuel and the unique physical and chemical characteristics of natural gas lead to poor engine combustion
stability, knock and other problems [20-23]. The experimental and simulation methods were adopted by
many researchers, which are used to improve the performance of dual-fuel engines, reduce emissions, and
optimize the in-cylinder combustion process [24]. Stoumpos et al. [25] investigated the effect of engine
parameters on the performance of a large marine dual-fuel engine model by using one-dimensional (1-D)

GT-Power. Considering the injection methods of two different fuels, the DF model was further
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developed. This study provided a solution for reducing CO, and NOx emissions when considering engine
operating limits simultaneously. Yousefi et al. [26] studied the effect of diesel injection timing dual-fuel
combustion at low load through an experimental and numerical research. The results showed that the NOx
emissions first increased and then decreased, and the coefficient of variation of IMEP decreased with the
advance of injection timing. Liu et al. [27] studied the ignition characteristics and pressure oscillation of a
low-speed marine low-pressure DI natural gas dual-fuel engines. The numerical research showed that the
amplitude of pressure oscillation increased with the later injection timing of the pilot fuel. Liu et al. [28]
studied injection strategies on a low-speed marine low-pressure DI natural gas DF engines with a pre-
chamber. Three factors were considered, including variable absolute injection timing, variable pilot fuel
injection, and variable gas fuel injection. The results showed that the advanced gas fuel injection and
retarded pilot fuel injection timings led to partially premixed gas burn, and further advanced or retarded
timings resulted in a more partially premixed gas burn. In addition, the effects of pilot fuel mass and
equivalence ratio on ignition / extinction and pressure oscillation were investigated by Liu et al. [29].
Yuan et al. [30] investigated the miller cycle and pre-injection on a low-speed marine high-pressure DI
natural gas DF engines numerically. The results showed that, compared with the pre-injection mass ratio,
the injection interval had little effect on the pressure oscillation, but the excessive injection interval
affected the combustion stage. Valladolid et al. [31] conducted a numerical study on the effect of diesel
pilot distribution on the ignition process of the DF medium-speed marine engine. They found that, the
diesel injection pressure had a larger impact on NOx for early injection timings than that for late injection
timings. Xu et al. [32] experimentally studied the pre-injection strategy for pilot diesel compression
ignition natural gas engines. The experimental results showed that the pre-injection timing reduced the
ignition intensity which decreased the burning rate of the gas mixture and lowered NOx emissions. Zhao
et al. [33] experimentally studied the pre-injection strategy of a diesel/natural-gas DF engine, which was
modified from a six-cylinder direct injection common rail diesel engine. The results showed that the
ignition phase was controlled by the main injection, which avoided the worsen combustion stability
caused by the inconsistent ignition phase.

Based on the briefly reviewed literature above, it is revealed that the injection strategy has great
potential for reducing the knock tendency, improving engine performance, improving fuel economy, and

reducing emissions [30, 32]. However, fewer studies have been conducted on the laws of influence of pre-
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injection parameters on knock, combustion and emissions, and methods to optimize pre-injection
parameters, especially in the field of marine medium speed large-bore DF engine [31, 34]. Due to the
large size of marine DF engines, it is difficult to carry out relevant experiments [27, 35, 36]. The
numerical simulations have been widely accepted as the best way and partial alternative to the research of
large marine engines [3, 37]. DF engines have a wider lambda window and lower propensity to knock at
low loads, but with low thermal efficiency, and high levels of NOx and total hydrocarbon emissions.
Therefore, the objective of this work is to understand the effect of the pre-injection strategy on the knock,
combustion and emissions in a large marine medium-speed DF engine at low load.

In this study, the process of in-cylinder combustion and pressure development of a DF engine at low
load was studied by using a three-dimensional (3-D) numerical simulation method [38]. The pre-injection
strategy was simulated for combustion stability and knock of a large marine DF engine by commercial
CONVERGE code. The novel contributions of this work include: Firstly, the effect of the pre-injection
strategy on the combustion mode was elaborated. Further, the conditions and criteria for the occurrence of
knock phenomena were revealed. Moreover, the knock index was defined with reference to the gasoline
engine and was used as an indicator for the evaluation of the pre-injection strategy. The effects of pre-
injection timing and pre-injection quantity on knock, combustion and emissions were analyzed of a large
marine DF engine at low load, which provided an important theoretical basis for the pre-injection strategy,
improving the actual engine combustion stability, avoiding the phenomenon of knock, and improving

engine combustion and emissions characteristics.

2. Modeling methodology

2.1. Investigated engine

The MAN 8L51/60 DF engine, which was a four-stroke, variable injection timing, turbocharged and
intercooled DF engine, was used for the present study. The engine consists of eight cylinders placed in-
line [39]. This type of engine is widely used due to its high power output, fuel flexibility, low emission
rates, high efficiency and reliability. The natural gas is injected at each cylinder inlet port (upstream the

intake valves) during the engine intake stroke. The pilot diesel fuel is injected directly into cylinders to



166 ignite the gas mixture before top dead center. The engine details are reported in the manufacturer project
167 guide [39] and factory acceptance test (FAT). The engine layout and components are presented in Fig. 1

168 [39]. The main particulars are listed in Table 1 [39].

169
Intake Manifold
Cooler
Intake air
Gas
Compressor Injection
Diesel
VTA Injection
Turbine
Pilot
Injection ¥
Exhaust gas
1 70 Exhaust Manifold
171 Fig. 1. Engine layout and components [39]
172
173 Table 1 MAN 8L51/60DF test engine specifications
Terms Unit Value
Cylinder number [-] 8
Bore [mm)] 510
Stroke [mm)] 600
Compression ratio [-] 13.3
Rated power [kW] 8000
Rated speed [r/min] 514
Mean effective pressure  [bar] 19.1
BSFC (Diesel model) [gkW-h]  189.1
BSEC (Gas model) [kJ/kW-h] 7998
Turbocharger units [-] 1
Fire order [-] 1-4-7-6-8-5-2-3
174

175 2.2. Model set-up and calibration

176
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In this paper, the combustion chamber geometry was modeled by using SolidWorks software. The
Converge Studio was used to arrange the boundary, set calculation model and change calculation
conditions. The CVG.in format data was the required files for Converge Solvers to calculate the
combustion. The simulation working process coupled with 3-D calculation and 1-D coupling calculation
is presented in Fig. 2. As can be seen from Fig. 2., the initial conditions of the 3-D model were provided

by the 1-D model and the 1-D model was calibrated by the FAT [40].

FAT Pre-injection strategy
Experiment Pre-injection timing
data Pre-injection mass ratio
STL
1 y
AVL BOOST Converge Solvers Converge Stutio
Initial
Engine working conditions ) ln-cyiinder CVG.in 3-D CFD grids
process 1-D - cimbustion proces < Generation
Simulation 3-D CFD Simulation
| Heat release rate
Pressure ! SolidWorks
]%ngme %-D_resgllts: 3.D CAD
performance: Distribution of model
Power, IMEP, CH,0, NO,
BSFC.etc temperature, etc.

1 |
Evaluation of the pre-injection strategy
on knock, combustion and emissions

Fig. 2. Process of 3-D calculation and 1-D coupling calculation

2.2.2. 1-D simulation model calibration

In this study, the boundary conditions and initial conditions were provided by using AVL-BOOST
[41], and in-cylinder combustion was calculated by using CONVERGE code [42]. The AVL-BOOST is
widely used in 1-D simulation for engine modeling and analysis [41]. The DF engine mode in AVL-
BOOST environment is presented in Fig. 3 [12]. The engine modeling and calibration were omitted here
and the general method can be found in our previous works [12, 43]. The validation results of the primary
parameters of DF engine model in the gas model are reported in Table 2 and Fig. 4 [12]. The parameters

in Fig. 4 were normalized based on 75% load.
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197
198 Fig. 3. Dual-fuel engine mode in AVL-BOOST environment [12]
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201 Fig. 4. Validation results of primary parameter of model [12]
202



203

204

205

206

207

208

209

210

211

212

213

214

215

Table 2 Validation results of primary parameter of model [12]

Engine Load [%] 100 75 50 25
Mode Gas Mode Error (%)

Power [kW] 0.12 0.14 -0.09  0.38
BSFC [g/kW-h] -0.09 -0.11  0.13 -0.34
Peak Firing Pressure [bar] -1.81 -1.72 0.44 0.51
Intake Manifold Temperature [K] -0.99 -0.64  0.34 -2.00
Intake Manifold Pressure [bar] -0.04 -024 -0.12 -0.11
Intake Manifold Mass Flow [kg/h] -0.12 -0.22  0.16 0.67

Exhaust Manifold Temperature [K] -1.98  0.27 0.10 2.79
Exhaust Manifold Pressure [bar] 1.28 2.59 2.23 -0.62
Exhaust Manifold Mass Flow [kg/h] -0.16  0.14 -0.09  0.38

NOx Emissions [g/kW-h] 1.59 -2.43 -1.96 1.98

2.2.3. 3-D simulation model calibration

In the CFD model, the marine engine numerical simulation also is based upon continuity,
momentum and energy conservation laws [42, 44]. The compressible equations for mass transport,

momentum transport and energy are given by Egs. (1)-(3).

9P 9P _ g (1)
o ox
. Opuu, oo,
opu, i PUU, _ a_P+ G +S )
ot ox, ox, Ox,

J J

Ou ou, .
Gpe  Ope__phi 5 O, O (Ka_T)"’i[PDzhm Zym}rs 3)

ot 6xj 6xj "a a axj axj X,

In the above equations, # is velocity, p is density, S is the source term, P is pressure, 7' is

temperature, Y, is the mass fraction of species m, D is the mass diffusion coefficient, e is the specific

m

internal energy, K is the conductivity, / is the species enthalpy and o is the stress tensor [45].
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In addition, each submodel needed to be determined, such as the turbulence model, combustion
model, spray model, etc [46]. The DF engines with two different property fuels are complicated not only
fluid flow, but also chemical reactions as well as heat and mass transfer. The suitable selection of models
was required to simulate the dual-fuel engine. The Blob injection model [47] was implemented to
simulate Liquid injection. The KH-RT model was applied to the simulation of spray breakup [48]. The
Frossling model [49] was used as an Evaporation model. The O'Rourke and Amsden model [50] was used
to calculate the wall heat transfer. Numerical simulation of RNG k-¢ two-equation equation model
coupled with a detailed chemical reaction had shown excellent simulation results in different types of
fuels and engines [46, 51-55]. The various reaction mechanisms can be adapted in SAGE combustion
model with a fast calculation [56]. As described by Turns [44], the mechanism of the multi-step chemical

reaction can be described as Eqs. (4).

M,y

M/Ul
V'm,r Zm g Zvum,r Zm r= 1’2 """ Rtut (4)

m=1

m=

where the V', and V", = are the stoichiometric coefficients for the reactants and products,

”

respectively, for species m and reaction » ; The R , represents the total number of the reactions; And

tot

the y,, means the chemical symbol for species m .

The o, represents the net production rate of species m and it can be described as Egs. (5).

| =

tot

&, =>v,q  (m=12....M,) (5

m

r

where the M, , is the total number of species.

tot

The rate-of-progress parameter ¢, for the #™ reaction is given by Egs. (6).

M/()I N M/()I "
qr = k/}‘ H [Xm ]V "= krr H [Xm ]V " (6)

m=1 m=1
where the [X m] is the molar concentration of species m . The k, and k. are the forward and
reverse rate coefficients for reaction r respectively.

With the above equation, the governing equation for mass is given by Egs. (7).

dlx,] .

11
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The governing equation for energy is given by Egs. (8).

dpP .
AT V; - z (hma)m)

@Y

m

®)

where the /. and ¢, are the molar specific enthalpy and molar constant-pressure specific heat of

species m , respectively. The V', P and T are the volume, pressure and temperature, respectively. The
above equations are solved at each computational time-step and the species are updated appropriately.

In order to obtain a more accurate model, the spray model was calibrated in this paper. The
experimental data for calibration were obtained from Sandia National Laboratories [57, 58]. Sandia
National Laboratories performed the high-fidelity parameter measurements of spray penetration, liquid
length, vapor penetration, etc. in a constant-volume combustion vessel [57, 58]. The parameters of
ambient and fuel injector conditions for calibration are listed in Table 3. Detailed experimental data can

be found in the literature [58]

Table 3 Ambient and fuel injector conditions [58]

Terms Unit Value
Fuel type [-] n-heptane
Ambient temperature [K] 1000
Ambient density [kg/m’] 14.8

Injection pressure [MPa] 150

Fuel temperature [K] 373
Nozzle diameter [mm] 0.1
Injection duration [ms] 6.8
Total mass injected [mg] 17.8

The model used for calibration with the computational grid is presented in Fig. 5. As shown in Fig. 5,
spray fixed embedding and adaptive mech refinement (AMR) were used for the numerical simulation.
The diameter of the model is 108 mm and the height is 108 mm. The vaporizing diesel spray of

experiments and simulation are presented in Fig. 6. The experiments (instantaneous) was the

12



258

259

260

261

262

263

264

265

266
267

268

269
270

271

instantaneous measurements of vaporizing diesel spray by Rayleigh imaging. The experiments (mean)
was the mean behavior of the diesel spray which was computed from the dataset. It can be seen from the
Fig. 6 that the simulated penetration is almost consistent with the measured penetration, which shows the
accuracy of the spray model setting. Fig. 7 shows the comparison of vapor penetration. It can be seen
from the Fig. 7 that the simulation result at 0.8 ms is slightly smaller than the experiment. This is due to
the limitation of the larger grid and the RNG k-¢ model, resulting in the inability to capture vapor

penetration well [57]. Where the ASI is after start of injection.

Spray fixed embedding Adaptive mech refinement

Fig. 5. Model and grid for diesel spray simulation

0.42ms

0.60ms s

Fig. 6. Mixture fraction distributions

13



272

273

274

275

276

277

278

279

280

281

282

283

284

285

286

287

e
o
&

—¢— Measured
| = # = Simulated

Vapor Penetration [mm]
2 o =2 = ©
o o o o o
= B ® E O

i i I L

0 0.2 0.4 0.6 0.8 1
Time ASI [ms]

[

Fig. 7. Comparison of vapor penetration

In DF numerical studies, the methane and n-heptane are commonly used as alternative fuels for
natural gas and diesel due to its similar physicochemical properties [29, 53]. The Extended Zeldovich
NOx mechanism was applied to simulate the production of NOx [59]. The DF mechanisms which were
developed by Rahimi, et al. [60] were obtained by merging n-heptane mechanisms and methane
mechanisms. This combustion mechanism was widely used in the combustion of DF engines and made it
possible to calculate cylinder pressure and NOx emissions more accurately[28, 29, 61]. The selected
mathematical models and chemical mechanisms are listed in Table 4. The combustion chamber geometry
was modeled by using SolidWorks software and exported as an STL file, then imported into the
CONVERGE software for boundary division [42]. The layout of the pilot injector with four holes in
CONVERGE environment is presented in Fig. 8. As it is shown, the pilot injector is not located in the

center of the cylinder, so the sector model cannot be used [39].

Table 4 Mathematical models and chemical mechanisms

Model Setting

Turbulence RNG k- model [49]

Spray breakup KH-RT model [48]
Combustion SAGE model [56]

NOx formation Extended Zeldovich model [59]

Reaction kinetics  Dual-fuel mechanism (GRI-Mech 3.0 and n-heptane) [60]

14
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Fig. 8. The layout of pilot injector in CONVERGE environment

The grid control strategy in CONVERGE code is presented in Fig. 9. As it is shown, the grid control
strategy includes a base value grid, adaptive mesh refinement, fixed embedding and grid scaling [42]. In
this paper, the max embedding level and sub grid criterion of velocity adaptive mesh refinement were set
to 2 layers and 2.0 m/s respectively. The max embedding level and sub grid criterion of temperature
adaptive mesh refinement were set to 2 layers and 5.0 K respectively. The injection fixed embedding was
set to 2 layers and the head and piston embedding is set to 1 layer. The grid scaling was usually used in

compression stroke [29].

Bundary fixed embedding Adaptive mesh refinement

Spary fixed embedding

Fig. 9. Grid control strategy in CONVERGE code

The calculation time and calculation accuracy of CFD model were decided by mesh grid size [52].
To handle the relationship between time and accuracy, simulated in-cylinder pressures for 16, 20, and 24
mm base grids with grid control strategy were compared [62]. As it is shown in Fig. 10, the in-cylinder
pressure trends of 16 and 20 mm are almost uniform and the in-cylinder pressure of 24 mm is lower than
the 20 and 16 mm. Due to the large-bore and stroke of the engine, the small grid size causes the long

calculation time. In this paper, the 20 mm base value grid was chosen to simulate the combustion process

15
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with the adaptive mesh refinement and fixed embedding grid control strategy [28, 63].
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Fig. 10. Comparison of in-cylinder pressure curve with different basic grids

The peak firing pressure and emissions products were tested and used to validate the accuracy of the
model. The 1-D simulation in-cylinder pressure curve was used to validate the 3-D simulation model. The
3-D engine simulation was performed by using the commercial CFD software package CONVERGE 2.4
[42]. The simulation started at IVC and ended at EVO, which means that only high pressure processes
were simulated. The port fuel injected natural gas was considered to be homogeneously mixed with air at
IVC [26]. The boundary, initial and operation conditions for the numerical simulation are illustrated in

Table 5.

Table 5 Boundary, initial and operation conditions

Terms Unit Value

Boundary conditions

Head K 553
Piston K 523
Wall K 433

Initial conditions
Temperature at IVC K 355

Pressure at IVC bar 1.12

16
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339

Turbulent kinetic energy  m?/s’ 40
Turbulent dissipation m?/s’® 1720

Operation conditions

Load [-] 25%
SOI °BTDC 15
Speed rpm 514

The engine speed was 514 r/min when operated at 25% load. The detailed parameters for modeling
and calibrating are reported in Table 5. The in-cylinder pressure and emissions products were tested and
used to validate the accuracy of the model. The comparison between the 3-D simulated and 1-D simulated
in-cylinder pressure profiles and measured peak firing pressure (PFP) are presented in Fig. 11. The trend
of the 3-D simulated results was in reasonable agreement with 1-D simulated results, but the 3-D
calculated peak firing pressure is slightly lower than the measured results. In addition, the comparison of
the key parameters between 3-D simulated and measured data are presented in Fig. 12. Where, the crank
angle of peak firing pressure (PFPCA) and total heat release (THR) were compared with the 1-D
simulated results and the PFP and NOx were compared with the measured results. It can be inferred from
Fig. 8. that the maximum errors between simulated results and measured data are within 2%. It can be
concluded that the present model was capable of simulating the combustion process within the cylinder

accurately.

200 T ; ; .

——g— 1-D simulated 100% Load
= & = 3.D gimulated .

= 150 ¢ O Measured PFP 75% Load ]

2 50% Load

a’:si 100 25% Load

%

=

[

50 F

90  -60  -30 0 30 60 90
Crank angle [°CA]

Fig. 11. Comparison between the 3-D simulated and 1-D simulated in-cylinder pressure profiles and
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Fig. 12. Comparison of 3-D simulation and data values of key parameters
3. Pre-injection strategy and knock

3.1. Pre-injection strategy

The parameters defined for the pre-injection research are as follows. The SOPI is the start of pre-
injection, the PMR is the pre-injection mass ratio, the PMI is the pre-injection and main injection interval,
the SOMI is the start of the main injection and the MMR is the main injection mass ratio. The schematic
diagram of the pre-injection parameters is illustrated in Fig. 13. It can be inferred from Fig. 13 that the

PMI = SOPI - SOMI and the PMR =1 - MMR.

Pre-injection Main injection

Fig. 13. Schematic diagram of pre-injection parameters
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The parameters of the pre-injection strategy are shown in Table 6. It can be observed from Table 6
that Case 1 is the original single injection timing, Case 2 is the pre-injection timing strategy and Case 3 is

the pre-injection mass ratio strategy.

Table 6 Parameters of the pre-injection strategy

Load SOPI PMR SOMI MMR Step
Case
[%] [deg ATDC] [-] [deg ATDC] [-] [deg or -]
1 25 — — -15 1.0 —
2 25 -20 ~ -60 0.5 -15 0.5 10
3 25 -60 0.1~0.9 -15 09~0.1 0.2

3.2. Pressure oscillation monitor and knock index

In order to monitor the pressure oscillations, the monitoring points (MP) were all placed near the

wall of the combustion chamber and away from the injector, as shown in Fig. 14.

(@]

45 o2

50 o1

6° Og \*‘/

Fig. 14. Schematic diagram of monitoring points

-0

In order to quantify the phenomenon of knock, the knock index (KI) was introduced to define the

intensity of the knock [20, 46]. This parameter was defined as Egs. (9).
1 N
KI= EZPPMH )
1

Where the PP is the difference between the peak pressure at monitoring points and the peak in-

maxn

cylinder pressure.
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3.3. Analysis of cylinder pressure oscillation

In order to determine the limitation of KI, the knock of the original engine needs to be analyzed. The
peak-to-peak values of each monitoring points are indicated in Fig. 15. It can be clearly seen from Fig.
15. that the pressure at monitoring points No. 1 and No. 8 are the largest, and the pressure at the
monitoring point No. 2 is the smallest. The main reason for the dramatic change in pressure at monitoring
point 8 is that the pilot injector is not located in the center of the combustion chamber, which cause the
flame to spread different distances. It can be calculated that the knock index KI is 2.62 bar. So the

maximum KI in this paper is limited to 2.62 bar.

3.2 .
—%— SOI=-15 °CA ATDC
31 Ki=2.62[bar]
S 2.89
5
E26l
(=T
2.4

2.2 h - : c c h
1 2 3 . 5 6 7 8
Monitor point number

Fig. 15. Peak-to-peak pressure of the monitoring point and KI
4. Result and discussion
4.1. Knock analysis
Fig. 16 shows the KI in pre-injection. It can be seen in Fig. 16 (a) that the KI is lower than the base
value when the SOPI = -30 and -50°CA, and the others SOPI are higher than the base value. The shorter

injection interval causes KI to approach the base value at SOPI = -20 °CA. When the SOPI is after -

30 °CA, the KI decreases as the SOPI is advanced. The KI increases when SOPI = -40 °CA and decreases
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when the injection interval continues to increase due to the change of the combustion mode. As can be
seen from Fig. 16 (b), the KI changes very little when the pre-injection mass is relatively small, and is
greatest when the pre-injection mass ratio is 0.5. This is because the combustion is controlled by the main
injection fuel when the pre-injection mass ratio is small. The smaller pre-injection mass ratio equates to a
slightly earlier injection timing, so the KI change is small. When the pre-injection mass ratio is 0.5, it
results in unstable combustion because it is at the transition threshold of the combustion mode. When the
pre-injection mass ratio is less than 0.5, the combustion is the traditional diesel compression ignition
mode, when the pre-injection mass ratio is greater than 0.5, the combustion mode is the two-stage
autoignition mode. However, when PMR is 0.9, the KI increases significantly because the temperature
and pressure in the combustion chamber are lower during injection, and the injected fuel spreads around
due to the swirl in the combustion chamber. This causes the combustion to start only after the main

injection, resulting in a larger KI [15].

6 T T T T 6 T T T
| N -20°CA I -50°CA | I 0.1 [ 0.7
ST -30°CA I -60°CA ST 0.3 0.9
4t [ 1-40°CA -~ Base 1 a4t 0.5 - Base
=
=3t
2
2iF 2 b
1F 1+
0 0 :
1 2 3 4 5 | 2 3 4 5
Pre-injection case Pre-injection case
(a) KI with different SOPI (b) KI different PMR

Fig. 16. Knock index

The pressure peak-to-peak value of each monitoring points with pre-injection is shown in Fig. 17.
The points of polyline represent the maximum value of the pressure oscillation of each monitoring point.
It can be seen in Fig. 17 that the pressure peak-to-peak values of the monitoring points No. 2 was higher
than those of other monitoring points, indicating that the monitoring point of No. 6 is more prone to

knocking. The close pressure difference indicates steady combustion and uniform pressure transfer.
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Fig. 17. Monitoring point pressure PPmax

For further understanding of the in-cylinder combustion processes, the distribution of the CH,0O

radical is shown in Fig. 18. The white line in Fig. 18 is the 1800K temperature contour, which represents

the flame front. The CH,O is one of the most important intermediates in the CH4 low temperature

reaction, which is mainly distributed at the front of the flame, indicating that CH,O is involved in the low

temperature reaction [29]. The reaction rate of CH,O directly influences the oxidation rate of methane,

which affects the combustion process in the cylinder [61]. It can be seen from Fig. 18 (a) and (b) that

when unstable combustion occurs, the distribution of CH,O is far away from the 1800 K flame front. As

can be seen from Fig. 18, the larger pre-injection interval to pre-injection mass ratio causes the fuel to

adhere to the wall surface. This condition reduces KI, but causes the phenomenon of the wetted wall and

limits the pre-injection strategy.
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(a) CH,O distribution with different SOPI (b) CH,O0 distribution with different PMR
433 Fig. 18. In-cylinder CH,O distribution with different SOPI
434
435  4.2. Combustion analysis
436
437 The variation of the in-cylinder pressure curve is presented in Fig. 19. As can be seen from Fig. 19
438 (a), the peak firing pressure decreases and then increases as the injection interval increases. The timing of
439 the peak firing pressure is delayed by the increase in the injection interval. As can be seen from Fig. 19
440 (b), the peak firing pressure is greatest when the pre-injection mass ratio is 0.5. As the pre-injection mass
441 ratio continues to increase, the cylinder pressure profile remains the same. This is because when the pre-
442 injection mass is larger, the pressure and temperature of the chamber are lower during injection, resulting
443 in weaker combustion control by the main injection, and the combustion mode changes to the two-stage

444 autoignition mode.

445
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446 Fig. 19. In-cylinder pressure curve
447
448 Fig. 20 shows profiles of the heat release rate. It can be seen in Fig. 20 (a) that the advance of the

449 SOPI leads to the increased peak in heat release rate (HRR) and causes the HRR curve to change from a
450 single peak to twin peaks. Due to the complex combustion process of diesel-natural gas engines, the
451 different physicochemical properties of diesel and natural gas result in a significant combustion time
452 order of the two fuels [31]. When the injection interval is small (SOPI = -40~-30°CA), the advance pre-
453 injection timing causes the first peak lower and the second peak higher. When the injection interval is
454 large (SOPI = -60~-50°CA), the heat release rate shape becomes a single peak. As Fig. 20 (b) shows, the
455 critical parameter for combustion mode transition is that the pre-injection mass ratio is 0.5, and when less
456 than or greater than this ratio, the combustion beginning point is basically the same. The first peak is
457 dominated by pre-mixed fuel and the second by the burnable gas mixture. When the pre-injection interval
458 is large, the combustion chamber temperature and pressure during fuel injection are lower. This weakens
459 the spraying and evaporating process of the fuel, allowing for increased periods of ignition delay [52].
460 However, when the pre-injection timing is too early (SOPI = -60°CA) and the pre-injection mass ratio >
461 0.5, the phenomenon of wetted wall occurs under the action of the in-cylinder swirl due to the low
462 pressure in the combustion chamber and the long mixing time [26]. This causes the pre-injected fuel to
463 burn near the wall surface and leads the unstable combustion [64, 65].

464
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Fig. 20. Heat release rate curve

Fig. 21 shows the variation of IMEP. It can be seen from Fig. 21 (a) that IMEP increases with the
advance of SOPI. However, when SOPI is -60°CA, IMEP decreases. Fig. 21 (b) shows the IMEP with
different PMR. It can be seen from Fig. 21 (b) that the IMEP is lowest at a pre-injection mass ratio of 0.1.
The smaller pre-injection mass ratio is equivalent to slightly advancing the injection timing of a single
injection, and the combustion is still controlled by the main injection, so the IMEP is smaller. IMEP is
greatest when the pre-injection mass ratio is 0.3. This is because the large injection intervals allow for
enough time for the fuel to mix. As the pre-injection mass ratio continues to increase, the main injection
fuel control capacity decreases, causing the combustion phase to be delayed, which leads to a lower IMEP.
This is because during fuel injection, the lower temperature and pressure of the combustion chamber with

the longer mixing time results in the phenomenon of the wetted wall [51].
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Fig. 21. Indicated mean effective pressure

4.3. Emissions analysis

The soot generation is higher in conventional diesels and smaller in dual-fuel engines, especially at
higher rate of natural gas substitution [13, 15]. In this paper, the analysis focuses on NOx, THC and CO
emissions because of the high rate of natural gas substitution (> 95%).

Fig. 22 shows the comparison of indicated NOx emissions. it can be seen from the Fig. 22 that at
smaller pre-injection intervals (SOPI = -20 °CA), the advance of the injection timing leads to an increase
in NOy due to the larger injection ratio (PMR = 0.5), which is equivalent to the advance of the single
injection timing. When a smaller pre-injection interval (SOPI = -20 °CA) is ignored, NOx emissions are
reduced by both increasing the pre-injection mass ratio and increasing the pre-injection interval. This is
because the pre-injection strategy increases fuel mixing time, resulting in a wider distribution of fuel drip
and lowering the maximum combustion temperature in the cylinder.

Fig. 23 shows the temperature distribution in the combustion chamber. The temperature profile
provides a visual representation of the location of the high-temperature region in the combustion chamber
and it is important for the analysis of NOx emissions. The longer mixing time between the pre-injected
diesel and natural gas mixture reduces the area of uneven local fuel concentration in the cylinder, which

inhibits NOx generation and thus reduces NOx emissions. It can be seen from Fig. 23 that the high-
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497  temperature region decreases with increasing the pre-injection ratio and pre-injection interval when using
498 the pre-injection strategy [53].
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(a) NOx emissions with different SOPI (b) NOx emissions with different PMR
500 Fig. 22. Indicated NOx emissions
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502 Fig. 23. In-cylinder temperature distribution
503
504 The schematic diagram of temperature curve is presented in Fig. 24. As shown in Fig. 24, the

505 temperature curve includes three curves which are mean temperature, maximum temperature and
506 minimum temperature of the chamber. If the combustion chamber is divided into burned zone and

507  unburned zone, the maximum temperature in Fig. 24 represents the temperature of the burned zone and
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the minimum temperature in Fig. 24 represents the temperature of unburned zone and the mean
temperature represents the mean value of the in-cylinder temperature. According to previous studies, NOx
generation is mainly in the burned zone, so the burned zone temperature is particularly important for
measuring NOyx generation [66]. The peak maximum temperature, peak mean temperature and peak
minimum temperature are compared from Fig. 25. It can be seen from Fig. 25 that the peak maximum
temperature decreases with increasing pre-injection interval and pre-injection mass ratio. The pre-
injection interval has a significant effect on the peak maximum temperature, while the pre-injection mass
ratio has a minor effect on the peak maximum temperature.

Fig. 26 shows the NOx distribution in the combustion chamber. The local high combustion
temperature regions are relatively wide which results in relatively higher NOy emissions. As can be seen
from Fig. 26, the NOx distribution region in the combustion chamber is consistent with temperature,
indicating that temperature is an important factor in the influence of NOx. NOx production is particularly

small when the pre-injection mass ratio is large and pre-injection is positive [13].

3200 T : : .
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2, 2400 Min
jb]
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s
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90  -60 -30 0 30 60 90
Crank angle [°CA]

Fig. 24. Schematic diagram of temperature curve
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527 Fig. 26. In-cylinder NOyx distribution
528
529 The hydrocarbons is one of the main emissions of dual-fuel engines in ships, and in dual-fuel

530 engines the main component of hydrocarbons is methane. Fig. 27 shows the mass change of total
531 hydrocarbons (THC). As can be seen from Fig. 27, THC consumption is very slow before the TDC and
532 rises sharply around 10 °CA with the pre-injection interval and pre-injection mass ratio increase. This is
533 because at larger pre-injection intervals and pre-injection mass ratio, the injected fuel cannot burn

534 immediately due to the lower temperature and pressure in the combustion chamber. Advancing pre-
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injection timing leads to leaner diesel and natural gas-air mixture formation which causes the combustion
to start after the main fuel injection. When the pre-injection mass ratio is larger, the pre-injection fuel is
distributed in the natural gas mixture. This promotes the production of flammable products in the middle
of the flammable mixture, increasing the ignition area of the gas. The accelerated rate of combustion of
the gas mixture has resulted in a higher utilization of natural gas. The combustion mode also transforms

from the traditional diesel compression ignition mode to the two-stage autoignition mode [13].
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(a) THC change with different SOPI (b) THC change with different PMR

Fig. 27. Total hydrocarbon mass change

The changes of the CO are illustrated in the Fig. 28. It can be seen from Fig. 28. that compared to
single injection mode, pre-injection considerably reduces the CO emissions. Further advancing pre-
injection timing weakens the effect of pre-injected fuel on ignition and larger pre-injection mass and early

pre-injection timing caused the longer mixture time for diesel and air which decreases the CO emissions.
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Fig. 28. CO change percentage comparison

5. Conclusions

In the present study, a large marine four-stroke DF engine was thoroughly investigated by using the
CONVERGE software to reveal its knock, combustion and emissions chracteristics. The effects of pre-
injection timing and pre-injection mass ratio on knock, combustion and emissions of the investigated
engine has been studied numerically. The major concluding remarks from this study are summarized as
follows.

1) The different combustion modes can be achieved by advancing the pre-injection time and
increasing the pre-injection mass ratio. The critical parameters for the combustion mode transition were
SOPI = -40°CA and PMR = 0.5, respectively. When the PMI > 25°CA and PMR > 0.5, the heat release
rate shape becomes a single peak and the combustion phase shift backward.

2) When the KI is smaller, the difference between each measurement point is also smaller. KI
decreases as the injection interval and pre-injection mass ratio increase when in the traditional diesel
compression ignition mode, but reverses when in two-stage auto-ignition mode. When PMR = 0.5 and
SPOI = -60°CA, the pressure difference at each measurement point is the largest and the KI is also the
largest. The smallest KI can be obtained when the SOPI = -30 °CA and PMR=0.5, respectively.

3) The NOx emissions decrease with increasing injection intervals and pre-injection mass ratio due

to the longer fuel mixing time and lower maximum combustion temperature. The trend in CO emissions
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is consistent with NOx for different injection strategies. At PMR=0.5, the reduction in CO emissions
becomes greater due to change of the combustion mode. The THC consumption accelerates with
increasing injection intervals and pre-injection mass ratio, indicating that a proper pre-injection can
reduce hydrocarbon emissions. However, when SOPI = -60 °CA, PMR = 0.7~0.9, the consumption rate is
almost the same.

4) In all pre-injection strategies, IMEP is higher than a single injection. The IMEP increases with
increasing pre-injection interval and decreases with increasing pre-injection mass ratio when large pre-
injection intervals and small pre-injection mass ratio are not considered. The maximum can be achieved
when the PMR = 0.5 and the SOPI =-50 °CA or the PMR = 0.3 and the SOPI = -60°CA.

5) Among the calculated cases, when NOy, KI and IMEP are considered together, the best pre-
injection parameters are SOPI = -50 °CA and PMR = 0.5. When considering KI alone, the lowest KI can
be obtained when SOPI = -60°CA and PMR = 0.7. It can be reasonably estimated the best parameters are
SOPI = -50 °CA and PMR = 0.3 when the goal is to reduce NOx emissions without sacrificing economy
and dynamics, and consider the limitation of KI and phenomenon of the wetted wall.

In conclusion, the present study provides the basis for the pre-injection strategy of DF engines and
the results contributed to the better understanding the improvement of knocking, combustion and
emissions by pre-injection strategy. The law of influence of the pre-injection strategy on the phenomenon
of knock is explained, and a method for determining the phenomenon of knock is determined, which is
also applicable to the determination of the phenomenon of knock of DF engines at high load. The current
investigation helps to get a better understanding of the theoretical basis for the pre-injection strategy,
improving the actual engine combustion stability, and avoiding the phenomenon of knock of the DF
engines. In future work, machine learning algorithms will be used to model pre-injection strategies, and

genetic algorithms will be combined with machine learning models to optimize pre-injection parameters.
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